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Abstract: In the petrochemical industry, mechanical seal systems used in centrifugal pumps often operate under medium-speed and
light-load conditions. Component vibrations can cause dynamic variations in opening force and slight displacements, leading to failures
such as seal face wear and leakage. This study considers the influence of shaft elasticity and introduces oil film stiffness parameters to
establish a refined dynamic model of a coupled mechanical seal system comprising the rotating ring, stationary ring, and spindle. The
model is used to analyze the variation patterns of axial displacement, radial displacement, and opening force of the components under
different rotational speeds. The results show that the fluctuation frequency of the opening force is positively correlated with the rotational
speed. An increase in speed intensifies the vibrational frequency of the axial displacement of the rotating ring, resulting in reduced
stability. The axial displacement of the stationary ring exhibits good temporal dynamic stability. When the rotational speed reaches 1200
r/min, the vibration frequency of the shaft's radial displacement approaches the natural frequency of the shaft system, leading to seal face

wear and failure.
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1. Introduction

Centrifugal pump mechanical seal systems are widely used in
the petrochemical industry, where their sealing performance
directly impacts on-site operations and personnel safety.
Mechanical seals play a critical role in ensuring the normal
operation of centrifugal pumps by preventing liquid leakage,
stabilizing internal pressure, and blocking the ingress of air
and contaminants. However, under real working conditions,
seal components are prone to vibrations, which may cause
lubrication film failure, dry friction at the sealing interfaces,
reduced sealing performance, and even fatigue failure of the
seal components. Therefore, it is of great significance to
analyze the influencing factors of sealing performance,
construct refined dynamic models, and investigate the
dynamic characteristics of the system.

This study focuses on a contact-type mechanical seal system,
in which sealing is achieved through close contact between
the rotating ring and the stationary ring, forming a narrow
sealing gap. In the field of contact-type mechanical seals, both
domestic and international scholars have made substantial
contributions.  Hui  Yuxiang studied oil-lubricated
narrow-end-face contact seals [1], assuming uniform radial
wear on the end face and obtained leakage and other
performance parameters. Wei Long investigated the influence
of operational parameters and fractal characteristics of surface
morphology on the friction coefficient of seal faces through
theoretical simulation and experimentation [2-4]. Bi
Haocheng explored the friction mechanism under mixed
lubrication conditions and analyzed the effect of operating
conditions on sealing friction parameters [5]. Ding Xuexing
developed a model for predicting average film thickness and
analyzed trends in leakage rate and average film thickness
under given working conditions [6-7]. Xingya Ni proposed a
theoretical model for leakage rate of contact mechanical seals
based on porous media fractal theory [8], providing a novel
method for calculating seal leakage.

As a medium-speed rotating structure, the mechanical seal
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system of a centrifugal pump exhibits coupled bending and
torsional vibrations among the rotating ring, stationary ring,
and spindle, resulting in complex nonlinear dynamic
behaviors. Investigating the dynamic responses of opening
force and sealing performance under such conditions is
crucial. Li Cunsheng developed a bending-torsion coupling
vibration model for multi-disk rotors under seal fluid
excitation and found that the system exhibits quasi-periodic
motion with potential instability [9]. Zou Xinheng reported
that low-frequency resonance in mechanical seals leads to
severe wear at the outer diameter of the rotating ring [10].
Zhao Ziheng built a fluid-solid coupling model of a
high-speed hydrostatic-hydrodynamic sliding bearing system
to analyze the influence of bearing deformation on oil film
characteristics [11]. Jin Saisai constructed a seal vibration
system and investigated the system’s responses under
different excitations [12]. Wu Hao proposed the concept of
comprehensive stiffness and developed an analytical model
for calculating the comprehensive stiffness of rolling bearings
[13]. Brenne conducted experimental studies on hydraulic
excitation forces in centrifugal pump impellers [14]. Patir
introduced the average flow model [15]. David B. Stefanko
adopted several technical strategies—including controlling
operating speed, redesigning bearings, and adjusting pump
stiffness—to reduce radial vibrations and extend mechanical
seal life [19].

Most of the above studies have focused on analyzing factors
influencing leakage, vibration characteristics, and vibration
suppression methods in contact-type mechanical seals.
However, there is a lack of refined dynamic modeling for
mechanical seal systems. For centrifugal pump mechanical
seals used in the petrochemical industry, it is essential to
explore the effects of seal face wear and deformation on
sealing performance. Specifically, understanding how oil film
stiffness, torsional stiffness of the rotating ring, and bending
stiffness of the spindle affect the dynamic characteristics of
the sealing system is critical.

In this study, a centrifugal pump mechanical seal system is



selected as the research object. A refined dynamic model
considering spindle elasticity is established based on
Newtonian mechanics. In modeling the oil film stiffness,
fluid-solid coupling finite element analysis is employed to
obtain pressure distributions of the oil film between the
rotating ring, stationary ring, and spindle. The bending
stiffness of the spindle is calculated using the superposition
method. The dynamic responses of axial displacement, radial
displacement, and opening force under various rotational
speeds are analyzed to characterize how rotational speed
influences the sealing performance of the centrifugal pump
mechanical seal system.

2. Structure and Working Principle of the
Mechanical Seal System

The core components of a mechanical seal are the rotating
ring, stationary ring, and drive shaft. The end faces of the
rotating and stationary rings are tightly fitted to form a
complete sealing ring, thereby enabling effective control of
the rotating shaft. An axial compensation mechanism, such as
a spring or bellows, is installed on one side of the rotating ring,
serving as the compensation ring. The structural diagram of
the centrifugal pump mechanical seal system is shown in
Figure 1.During operation, the rotating ringl rotates along
with the shaft 3 and is simultaneously pressed against the
stationary ring 2 by the compensation force provided by the
compensation mechanism 5, ensuring close contact between
the two rings. The stationary ring 2 is fixed to the stationary
ring seat 7, which is secured to the pump casing.

1- Rotating Ring, 2- Stationary Ring, 3- Shaft, 4- Support
Base, 5- Spring, 6- Rotating Ring Seat, 7- Stationary Ring
Seat
Figure 1: Schematic Diagram and 3D Model of the
Centrifugal Pump Mechanical Seal System

In the centrifugal pump mechanical seal system, the
high-speed rotation of the shaft 3 drives the rotating ring 1 to
rotate. Relying on the compensating force provided by the
elastic element 5 and the pressure of the sealing medium, an
appropriate pressing force is generated at the contact interface
between the rotating ring 1 and the stationary ring 2. This
ensures close contact between the sealing faces and
simultaneously forms a micron-scale lubricating film, thereby
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achieving an effective sealing function.

3. Refined Dynamic Modeling of the

Mechanical Seal System

During the operation of a centrifugal pump mechanical seal
system, the shaft is driven by an input torque, which in turn
causes torsional deformation of the rotating ring. This
torsional deformation can affect the sealing performance of
the system. To maintain generality while avoiding excessive
mathematical complexity, the following simplifications and
assumptions are made in the development of the dynamic
model for the mechanical seal system:

(1) rotating ring rotates at the same speed as the shaft.

(2) forces exerted by the fluid in the sealing chamber on both
the rotating ring and the shaft are uniformly distributed.

3.1 Lumped Parameters and Generalized Coordinates

In the centrifugal pump mechanical seal system, the key
components that affect sealing performance include the
rotating ring, rotating ring seat, compensation mechanism,
stationary ring, stationary ring seat, and the shaft. To simplify
the model, the stationary ring, rotating ring, and shaft are
treated as lumped mass elements, denoted as m1, m2, and m3,
respectively, resulting in a total of three lumped parameters.

To accurately reflect the dynamic characteristics of the
mechanical seal system while ensuring model precision, the
following considerations are made: the shaft is subjected to an
input torque that drives the rotation of the rotating ring; the
stationary ring is mounted within the stationary ring seat. The
model accounts for small displacements in the x, y, and
z-directions among the rotating ring, stationary ring, and shaft,
as well as torsional motion of the rotating ring and shaft about
the x-axis.

Therefore, the generalized coordinates include three
translational degrees of freedom for the stationary ring, three
translational degrees of freedom for both the rotating ring and
the shaft, and one rotational degree of freedom around the
x-axis for the rotating ring-shaft assembly, resulting in a total
of 11 generalized coordinates. The generalized coordinate
vector is expressed as:

@
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In the modeling process, the influence of shaft elasticity is
considered, and the lumped parameter method is adopted to
establish an 11-degree-of-freedom dynamic model of the
mechanical seal system, as shown in Figure 2.
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Flgure 2: Dynamic Model of the Centrifugal Pump Mechanical Seal System
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key1, ke1ys, kezys is the contact stiffness between the main
shaft and the bearing with its housing,

ke, is the contact stiffness between the stationary ring and
the main shaft,

keya, knxs is the contact stiffness between the rotating ring
and the main shaft,

keyxs, keys is the contact stiffness between the stationary ring
and its housing,

knxs: Keysy Kezz is the contact stiffness between the rotating
ring and the stationary ring,

kg is the torsional stiffness of the rotating ring,
kg is the torsional stiffness of the main shaft,

kg1, is the relative torsional stiffness between the rotating
ring and the main shaft.

3.2 Dynamic Equation

Considering the contact stiffness between the rotating ring
and the stationary ring, the rotating ring and the shaft, and the
stationary ring and the shaft, as well as the torsional stiffness
of the rotating ring and the shaft, along with the torsional
moments and excitation forces acting on both the rotating ring
and the shaft, the system's differential equations of motion are
established based on Newton's second law. The dynamic
equations of the stationary ring, rotating ring, and shaft in the
mechanical seal assembly are as follows.

Stationary Ring: Translational Equation of Motion

my¥; + (Kpxs + kpa) X1 — knys Xz — kpyaXs =0

myy; + (key3 + kty3)y1 —keyzy2 —keyzys =0 (2)
myZy + (Kegz + kiz3)Zi — Kep3Zp — Kegp23 = 0

Rotating Ring: Translational Equation of Motion
mzjc'z - knx3x1 + (knx4 + knx3)x2 - knx4x3 = le

myY, — Keysys + (key4 + kty3)y2 —keyays = Fiy, (3)
MyZy — kiy321 + (Kezz + Keza)Zp — KezaZzz = Fyy

Rotational Equation of Motion

myL560, — kgyLiLy60; + (koy + kg12)L30; — k121,136, =
M, (4)

Shaft: Translational Equation of Motion
Wp = Wp + Wp;

_ Ll +L3)[L2~L% — (Lo +L3)
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m3jé3 - knx4(x1 + xz) + (knx4- + knxz)x3 = FZx

M3y3 — Keya (V1 +¥2) + (key4 + keyz)y3 =F, (5
M3Zy — keza(21 + 22) + (Kezz + Keza)zz = Fy,

Rotational Equation of Motion

mSLZZéZ - k912L3L291 + [k912L3 + k92 (Ll + LZ)]HZ = MZ
(6)

F;, is the x-direction component of the fluid excitation force
acting on the rotating ring,

Fyy, Fy, are the y- and z-direction components of the fluid
excitation force acting on the rotating ring,

F,, is the x-direction excitation force on the shaft generated
by engine rotation,

F,y, F,, are the y- and z-direction excitation forces on the
shaft generated by engine rotation,

M, is the torsional moment acting on the rotating ring,

M, is the torsional moment acting on the shaft,

0, is the torsional angle of the rotating ring,

0, is the torsional angle of the shaft.

3.3 Bending Stiffness Calculation

Using the superposition method, the force exerted by the
stationary ring on the shaft is simplified as F;, and the force
exerted by the rotating ring on the shaft is simplified as F,.

Based on this, an equivalent bending stiffness model for the
shaft in the y-direction is established, as shown in Figure 3.
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Figure 3: Mechanical Seal System Bending Stiffness Model

According to the principle of superposition for small
displacements, the deflections at simply supported points B
and C can be expressed as the linear superposition of
individual deflections. Therefore, the deflections at points B
and C are given by:

I p, _ latal-id-)

6EIL

We = Weyp + Wep
__ (p+L3)
6EIL

L

{ 3
Ly+Ls

2

After substituting the expressions of the flexibility
coefficients with appropriate variables and incorporating the
positional parameters x corresponding to various concentrated
masses, the resulting system equations can be reformulated in
matrix form. Accordingly, the lateral stiffness matrix k of the
shaft system is given by:

I3+ 112 = (Ly + L)2(Ly + L) = (Ly + Lo)*} Ry

6EIL 2

_ L3(Ly+Lp)[12-13-(L1+L2)?] F @)
6EIL 2

r

During the rotation of the centrifugal pump mechanical seal, a
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3.4 Bending Stiffness Calculation
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micron-scale oil film forms between the rotating ring and the
stationary ring. The oil film thickness is calculated using the
Hamrock—Dowson [16-17] film thickness formula (9):

U 0.45 E 0.55 L 0.7
n=14(5) () G ©
The oil film thickness between the rotating and stationary
rings is calculated as follows/y=3.43um.

Oil Film Stiffness:

-1

VF,

= lim —
VE—0Vh
Vh—0

dn’
ke = (%)
Based on the Hertz contact model for elastic bodies in contact,

the contact stiffnress KHK_HKH between the rotating and
stationary rings is given by:

(10)

as

ko= ()"

Comprehensive contact stiffness between the rotating ring and
the stationary ring can be expressed as:

+kic)_1

(1)

1

knx3 = (k_e

4. Numerical Example

(12)

4.1 Bending Stiffness Calculation

Table 1 presents the main structural dimensions of the core
components of the centrifugal pump mechanical seal, namely
the shaft, the rotating ring, and the stationary ring.

Table 1: Structural Dimension Parameters of Mechanical
Seal System Components

Structural Parameter Shaft  Rotating Ring  Stationary Ring

Outer Diameter (mm) 57 80 75

Inner Diameter (mm) - 63 60
Length (m) 15 0.03 0.01

Center Distance (m) L,=0.2 L,=0.15 L;=1.15

The excitation force and torque experienced by the dynamic
ring and shaft of the centrifugal pump mechanical seal are
shown in Table 2.

Table 2: Dynamic Ring and Shaft Force and Moment

Parameters
Force Parameters Dynamic Ring Shaft
Excitation Force F; = 189.3N F, = 191.6N
Input Torque M; = 6443N-m M, =79.57N-m
Torsion Angle 6 = 0.00856° 6 = 0.03303°

4.2 Stiffness Parameters
1) Bending Stiffness Calculation
By solving equation (7), the variation pattern of the flexibility

coefficient throughout the shaft system is obtained, as shown
in Figure 4.
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Unit forces is applied to the positions of the dynamic ring and
static ring, and the deformation amounts at the positions of the
two particles are inverted to obtain the stiffness matrix of the
shaft system.

_ [-6.1078¢° 5.1937° ]
5.1937°  —4.6551¢°

2) Oil Film Stiffness Calculation.

K

Simulation analysis of the oil film pressure between the
dynamic ring and static ring is conducted in the ANSYS
environment, and the oil film pressure contour map is shown
in Figure 5.

B

Figure 5: Oil Film Pressure Contour Map

Based on equations (9) to (12), the oil film stiffness, Hertzian
contact stiffness, and comprehensive contact stiffness at the
contact end faces of the dynamic and static rings in the
mechanical seal system are calculated. The stiffness
parameters are shown in Table 3.

Table 3: Stiffness Parameters of the Contact End Faces
Between Dynamic and Static Rings

Stiffness Parameter Value

Oil Film Stiffness k, = 6.66 X 10°N/m
Herz Contact Stiffness k. =432 x 108N/m
Comprehensive Contact Stiffness  k,,; = 6.66 X 10°N/m
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The calculation results indicate that the oil film stiffness
parameter directly influences the contact stiffness at the
interface between the dynamic and static rings. Under actual
operating conditions, when the oil film stiffness increases
within a certain range and the film thickness remains
relatively stable, the stability of the sealing system can be
improved, and frictional power loss can be reduced. However,



when the oil film stiffness deviates from its optimal value,
frictional power loss increases significantly, leading to
excessive wear on the sealing surfaces, which negatively
affects sealing performance and the normal operation of the
equipment. Therefore, calculating the oil film stiffness
parameter is essential for evaluating the stability of the sealing
system.

The torsional stiffness of the dynamic ring refers to its ability
to resist torsional deformation. It is typically quantified by the
torsional stiffness coefficient, which is numerically equal to
the torque required to produce a unit torsional angle in the
dynamic ring.

The length of the dynamic ring is L; = 0.03m, and the elastic
modulus is G = 5GPa.

The torsional angle of the dynamic ring can be obtained
through calculation.
0, =2.1%x10"rad

Dynamic Ring Torsional Stiffness,

kg, = 611 = 6.67 x 108Nm/rad

The dynamic parameters of the shaft, dynamic ring and its

seat, and the static ring and its seat in the centrifugal pump
mechanical seal assembly are shown in Table 4.

Table 4: Dynamic Parameters of the Mechanical Seal System

Dynamic Ring N
Parameter Shaft and Dynamic Stat_lc R_lng and
Ring Seat Static Ring Seal
Mass (kg) 4.34 24 7.92
Moment of
Inertia 0.0141 0.0154 0.2566
(kg m2)
Torsional
Stiffness ko, = 6.67e® kg, = 1.08e8 kg, = 4.47e8
(Nm/rad)
Contact Kexa = 8.8 koyz = 9.2 koyp = kopy =
Stﬁ;‘naecss 5.8e88 Keys = Kezs = 6.8¢® ke, = Kops =
(N/m) 6.4e° k., = 5.6€° ks = 6.6€° kpys =

2.63@7 kty3 = ktzS = 4.637

4.3 Stiffness Parameters
4.3.1 Time-domain analysis of activating force

In the mechanical seal device of a centrifugal pump, studying
the dynamic characteristics of the activating force at different
rotational speeds can reflect the variation law of the sealing
performance. For three different rotational speeds of 800
r/min, 1200 r/min, and 1600 r/min, the dynamic equations
(2)—(7) are used, with the stiffness parameters substituted. The
response time is set to 5 seconds, and the theoretical solution
for the time history of the activating force between the contact
end faces of the dynamic and static rings is obtained, as shown
in Figure 6.
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Figure 6: Time history of activating force at different

rotational speeds

From Figure 6, it can be observed that under the influence of
the input torque, the activating force vibration amplitude at
1600 r/min is significantly larger than that at 1200 r/min and
800 r/min. The vibration amplitudes are 30 N, 25 N, and 20 N,
respectively. Comparing the results in Figures (a), (b), and (c),
it is found that the fluctuation amplitude and frequency of the
activating force increase with the rotational speed. This
indicates that, under working conditions, as the rotational
speed increases, the vibration frequency of the activating
force rises, forcing more frequent relative motion between the
dynamic and static rings. This accelerates the wear of the
sealing end faces and reduces the sealing performance of the
mechanical seal system.

4.3.2 Time-Domain Analysis of Axial Displacement
To analyze the influence of small displacements on sealing

performance under different rotational speed conditions, a
dynamic response analysis of the axial displacement of the



dynamic and static rings is carried out. The time-domain
variation curves of the displacement of each component in the
centrifugal pump mechanical seal device under different
rotational speeds are obtained. The time-domain dynamic
response curves of the axial displacement of the dynamic ring
at 800 r/min, 1200 r/min, and 1600 r/min are shown in Figure
7.
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Figure 7: Time history of axial displacement of the dynamic
ring at different rotational speeds

From Figure 7, it can be seen that under the influence of
transmitted torque, the axial displacement response of the
dynamic ring at 1600 r/min is significantly greater than that at
1200 r/min and 800 r/min. The maximum axial displacement
responses of the dynamic ring at 800 r/min, 1200 r/min, and
1600 r/min are 6pm, 6.5um, and 7 pum, respectively.
Comparing the results in Figures (a), (b), and (c), it is found
that the axial displacement response of the dynamic ring is
positively correlated with the rotational speed. This indicates
that an increase in speed leads to larger axial displacement of
the dynamic ring, which raises local pressure on the sealing
end face, accelerates wear, and results in noticeable scratches
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and wear grooves on the sealing surface, thereby reducing
sealing performance. Therefore, in practical applications,
increasing the width of the sealing face, reducing the specific
pressure on the sealing surface, or selecting a suitable spring
stiffness can help reduce the axial displacement of the
dynamic ring and mitigate wear on the sealing surface.

The time-domain dynamic response curves of the axial
displacement of the static ring at rotational speeds of 800
r/min, 1200 r/min, and 1600 r/min are shown in Figure 8.
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Figure 8: Time history of axial displacement of the static ring

at different rotational speeds

From Figure 8, it can be seen that under the action of friction
between the dynamic and static rings, the axial displacement
response of the static ring at 1600 r/min is greater than that at
1200 r/min and 800 r/min. The maximum axial displacement
responses of the static ring at 800 r/min, 1200 r/min, and 1600
r/min are 0.5um, 0.65um, and 0.8 um, respectively.
Comparing the results in Figures (a), (b), and (c), it is found
that although the axial displacement of the static ring is
significantly affected by rotational speed during the startup



phase, its steady-state amplitude remains within a relatively
small and stable range, fluctuating around 0.2 pm [18]. This
indicates that during the startup process of the centrifugal
pump mechanical seal device, the static ring’s axial
displacement is more susceptible to low-frequency vibrations,
but the displacement values are far smaller than the contact
clearance between the dynamic and static rings, ensuring
good sealing performance at the contact end faces.

4.3.3 Time-Domain Analysis of Radial Displacement

To analyze the influence of small displacements on sealing
performance under different rotational speed conditions, a
dynamic response analysis of the radial displacement of the
shaft and the dynamic ring is carried out. The time-domain
dynamic response curves of the shaft’s radial displacement at
the contact position of the dynamic and static ring end faces at
rotational speeds of 800 r/min, 1200 r/min, and 1600 r/min are
shown in Figure 9.
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Figure 9: Time history of shaft radial displacement at the
contact end face position of the dynamic and static rings under
different rotational speeds.
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From Figure 9, it can be seen that under the influence of the
input torque, at the contact end face position of the dynamic
and static rings, the radial displacement response of the shaft
at 1600 r/min is significantly greater than that at 1200 r/min
and 800 r/min. The maximum radial displacement responses
of the shaft at 800 r/min, 1200 r/min, and 1600 r/min are
27.5 um, 52.5 pm, and 83 pm, respectively. Comparing the
results in Figures (a), (b), and (c), it is found that the vibration
amplitude and frequency of the radial displacement increase
significantly with the rotational speed. However, at a
rotational speed of 1200 r/min, the vibration frequency
approaches the natural frequency of the shaft system, causing
the amplitude of the radial displacement to change regularly,
which leads to overall machine vibration and may even reduce
the sealing performance of the system.

The time-domain dynamic response curves of the radial
displacement of the dynamic ring at the contact position of the
dynamic and static ring end faces at rotational speeds of 800
r/min, 1200 r/min, and 1600 r/min are shown in Figure 10.
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Figure 10: Radial displacement time history of the moving
ring at different rotational speeds.
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As shown in Figure 10, under the influence of the transmitted



torque, when the rotational speed of the moving ring increases
gradually from 800 r/min to 1200 r/min, the radial
displacement vibration amplitude of the moving ring remains
relatively stable, fluctuating around the magnitude of 1.5 pm.
However, the radial displacement vibration frequency of the
moving ring increases significantly. Comparing the results in
Figures (a), (b), and (c), it is observed that the increase in the
radial displacement frequency of the moving ring leads to
uneven changes in the sealing gap between the moving and
stationary rings, which increases the leakage. This also alters
the compression and force conditions of the spring,
potentially causing spring fatigue failure. The vibration signal
is transmitted to other components of the centrifugal pump,
such as the impeller and shaft, resulting in increased overall
machine vibration, affecting the normal operation of the
equipment, and even leading to equipment failure.

4.3.4 Frequency Domain Analysis
The Fast Fourier Transform (FFT) converts the time-domain

variation of the excitation force at different rotational speeds
into frequency-domain variations, as shown in Figure 11.
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Figure 11: Frequency domain response of the sealing end
face excitation force at different rotational speeds
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As shown in Figure 11, the frequency domain response of the
excitation force exhibits multiple peaks at different rotational
speeds. In Figure (a), the main peak frequencies are 119.4 Hz
and 293.5 Hz. In Figure (b), the main peak frequencies are
144.3 Hz, 268.7 Hz, and 417.9 Hz. In Figure (c), the main
peak frequencies are 114.4 Hz, 343.3 Hz, 422.9 Hz, and 457.7
Hz. Comparing Figures (a), (b), and (c), it can be seen that an
increase in rotational speed leads to a rise in the frequency
peak values of the centrifugal pump, which improves the
pump's efficiency but reduces its lifespan.

In Figure (b), the vibration amplitude of the excitation force
remains relatively stable without any sudden peak values.
Mechanical vibration and wear are relatively small,
maintaining good operational stability and lifespan. This
ensures that the centrifugal pump's mechanical seal leakage
remains stable, reduces sealing surface wear, lowers system
energy consumption, and improves pumping efficiency.
Therefore, in practical conditions, an engine speed of 1200
r/min is preferred.

5. Conclusion

This paper establishes a refined dynamic model of the
mechanical seal system to investigate the effects of spindle
bending deformation, moving ring torsional deformation, and
oil film stiffness on sealing performance. The dynamic
response analysis of the moving ring, stationary ring, and
spindle is conducted, and the conclusions are as follows:

1) Time Domain Analysis of Opening Force: The results of
the time-domain analysis of the opening force show that at
rotational speeds of 800 r/min, 1200 r/min, and 1600 r/min,
the vibration amplitudes of the opening force are 20 N, 25 N,
and 30 N, respectively. The fluctuation frequency of the
opening force is positively correlated with the rotational speed.
As the centrifugal pump speed increases, the centrifugal force
of the impeller increases, leading to higher fluid pressure
within the pump, which in turn increases the pressure on the
sealing end face of the mechanical seal device, causing the
opening force to increase correspondingly.

2) Dynamic Response of Axial and Radial Displacements:
The analysis of the time-domain dynamic response of the
axial and radial displacements of the moving and stationary
rings shows that as the rotational speed increases from 800
r/min to 1600 r/min, the axial displacement amplitude of the
moving ring increases from 6 pm to 7 um. The local pressure
on the sealing end face increases, accelerating wear and
resulting in visible scratches and wear grooves on the sealing
surface, which reduces sealing performance. The axial
displacement of the stationary ring fluctuates around 0.2 um,
exhibiting good stability in its dynamic characteristics.

3) Frequency Domain Analysis of Opening Force Amplitude
Variation: The results of the frequency domain analysis of the
variation in the opening force amplitude show that as the
rotational speed increases from 800 r/min to 1600 r/min, the
vibration frequency increases from 293.5 Hz to 457.7 Hz. At
1200 r/min, the system maintains a certain pumping
efficiency with no sudden peak values in amplitude. This
ensures stable leakage of the centrifugal pump's mechanical
seal device, reduces wear on the sealing end face, lowers



system energy consumption, and improves pumping
efficiency.
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